With or without turbine blade cooling, gas turbine cycles have consistently higher turbine inlet temperatures than steam turbine cycles. But this advantage is more than offset by the excessive compressor work induced by warm inlet temperatures, particularly during operation on hot summer days. Instead of seeking still higher turbine inlet temperatures by means of sophisticated blade cooling technology and high temperatureresistant blade materials, it is proposed to greatly increase the cycle net work and also improve thermal efficiency by decreasing the compressor work. This is obtained by using refrigerated inlet air and compressor intercooling to an extent which optimizes the refrigerated air inlet temperature and consequently the gas turbine compression ratio with respect to maximum specific net power.
INTRODUCTION
With or without turbine rotor inlet blade cooling, gas turbine cycles have higher turbine inlet temperatures than steam turbines, nearly 1200 and 800 K, respectively. But this advantage is more than offset by the large compressor work required for inlet air supplied at ambient temperatures, particularly during operation on hot days. Consequently, the power delivered by gas turbine power plants located in arid lands and deserts can be as much as 30 -40% below nominal power, even though the corresponding thermal efficiency loss amounts only to a few percentage points.
Adding a steam turbine cycle to a gas turbine cycle to obtain a combined cycle system improves significantly the combined plant thermal efficiency and net power, while at the same time reducing the net power seasonal fluctuations. This solution however, requires a major additional investment and adequate water supply in the case of condensation steam turbines, which could still be too constraining for arid lands and desert plant locations. It is well known that both regeneration and compressor intercooling improve the gas turbine cycle net power and thermal efficiency in general, but still not • sufficiently to compete with combined cycle power plants on these terms. Using finite time thermodynamics concepts, Wu (1991) showed that ultimately, the endoreversible Brayton-Joule cycle net power approaches asymptotically that of a maximum power steam engine derived earlier by Curzon and Ahlbom (1975) . But practically, this asymptotic solution will require prohibitively large heat transfer equipment for both intercooling and regeneration.
The basic idea of compressor intercooling can be applied to the first compressor stage itself as it is done with adiabatic saturation air cooling, to lower its inlet temperature. This temperature can be decreased further to lower values without refrigeration work, provided a lower temperature heat sink is available. This is the case of natural gas liquefaction plants for instance, where the low pressure and high pressure tail gases are discharged respectively at about 120 and , 135 K. This solution can also pay off when using a refrigeration cycle, provided the required refrigeration work is less than the induced increase in the cycle net work. This idea has been applied by Ondryas et al. (1991) and more recently by De Lucia et al. (1994) but only partially to temperatures above the dew point of the air fed into the compressor, to avoid any ice deposits in the compressor inlet
The same basic concept has been shown to lead to maximum net power solutions in a paper to be published (Ait-Ali, 1995) assuming that ice formation is potentially negligible (as most of the ice build-up would have occured in the evaporator) with refrigeration temperatures below 200 K for which the saturation pressure drops to about 1.6 x10 -6 bar and the corresponding specific humidity at 1 bar to 0.001 g/kg of dry air. For a turbine inlet temperature of 1200 K, typical state of the art component efficiencies and a refrigeration efficiency of 0.60, it was found that the maximum net specific work power delivered by the system would be 253 kJ/kg of air. This would lead to less than kg of ice formation per day for a net power system of 3300 kW. The assumption made for this unconstrained optimisation is based on this figure.
This relatively large maximum specific work is obtained for an optimum refrigeration temperature of about 261 K without compressor intercooling. Compressor intercooling should induce still higher optimum compression ratios and therefore substantially increase the cycle maximum specific power. This problem is examined now as a separate but complementary optimisation problem in which the compression ratio of each one of the two stages considered is optimized first, before formulating the cycle specific net power and thermal efficiency objectives.
OPTIMUM INTERSTAGE COMPRESSION RATIOS
The purpose of this section is to determine the optimum distribution of a given overall pressure ratio which will result in a minimum compression power for a two-stage compression process. The case of three or more, compression stages would involve the same procedure, but also a longer demonstration.
With ideal gas assumption, constant specific heat and isentropic compression, it can be shown that equality of the two compression ratios leads to a minimum compression work objective. That is, for a two-stage compressor, the pressure ratio of each one of the two stages is equal to the square root of the overall compression ratio. With temperature dependent gas properties, different stage inlet temperatures and compressor efficiencies, the optimum stage pressure ratio distribution will be more involved, but also more pertinent to actual applications.
The schematic diagram of a two-stage compressor intercooling system is shown in Fig I. Two different intercooling solutions could be considered in actual situations:
a. the adiabatic saturation air cooling solution, in which the temperature after intercooling is equal to the saturation temperature of the water vapor in thermal equilibrium with air. This temperature is dependent on the water vapor partial pressure, that is, on its partial pressure within the air-water vapor mixture, and consequently, on the fluid total pressure which is as yet unknown. This solution has two main advantages. The first and most important one is that it does not require a heat exchanger, which is inherently relatively costly, because of the low thermal conductivity of dry air. The second is that it would increase the mass flow rate of the compressed air by about 1 -2 Vo, depending on the the total pressure and temperature of the fluid before intercooling. But it is computationally more involved and unnerewiry for the point to be made here.
b. the heat exchanger type solution for which the intercooling temperature can be specified independently of the fluid total pressure; although this solution may not be cost effective in actual applications because of relatively large heat transfer inventory as well as substantial fan power requirements, it is the one shown on (1)
The objective is to minimize this compression power by an appropriate choice of the stage pressure ratios P r ' and Pr2, subject to the following constraint: (T1pcl.Pr1)(11pc2.Pr2)=T1pc.Pr (2) where npc represents the overall compression process pressure effectiveness, and P r, the overall compression ratio.
Using a simple Lagrangian method of optimisation under equality constraints (Ait-Ali, 1994) , it can be shown that the two optimality conditions can be written as:
Noting the following simplification, ctei.Cpc1=R= ac2.Cpc2, to be made in eq (3) where R is the ideal gas constant, and solving eqs (3) and (4) yields the optimum compressor stage pressure ratios as:
We note that when the compressor stage isentropic efficiencies are equal, the optimum pressure ratios are then expressed by: TIN1Yris=RTINYOac2Cr21rri0]1/(acl+ac2) (7) r1pc2.Pr2 *=[(11pc.Prrc I (r 1 11/T21)] 1/(acl+ac2)
(8)
Note: the star symbol is added when the value of the particular variable is optimum.
Remark: it is seen that the lower the first stage inlet temperature relatively to the second stage inlet temperature, the larger will be the first stage optimum compression ratio relatively to the second stage compression ratio.
The overall net power of the refrigerated air inlet gas turbine cycle is now formulated per unit of volumetric air flow rate VI, assuming ideal gas behavior and inlet pressure Pi.
GAS TURBINE CYCLE NET POWER WITH REFRIGERATED AIR INLET AND COMPRESSOR INTERCOOLING a. maximum overall net cower ner unit volumetric air Ibiltsate
The overall net power delivered by a conceptual gas turbine cycle with refrigerated air supplied to the compressor and compressor intercooling is equal to the difference between the wtwir'iktO{[(i+ont.T3fri1]11-01ptPrttil (9) where f is the fuel to air mass ratio. The compressor power is now expressed by:
The refrigeration cycle required power for the same air mass flow rate is expressed by:
where the parameter X is defined as:
It represents the ratio of the heat transfer conductance of the refrigeration cycle evaporator to the thermal capacitance of the air being refrigerated per degree of exit temperature T11. The detailed derivation of the refrigeration power is obtained from the energy balance of the evaporator and the definition of the refrigeration cycle coefficient of performance, assuming ideal gas behavior and constant specific heat Note: fan power requirements for both the evaporator and the refrigeration cycle condenser are evaluated in the numerical example considered in section 4 of this paper. They are added to refrigeration power requirements to obtain the specific net power yield of this gas turbine cycle system. Compressor intercooling fan power requirements will also add to the air inlet refrigeration power requirements whenever this particular intercooling solution is considered in any actual application.
Eqs. (11) and (12) show that different estimates of the refrigeration power can be obtained when using different sizes of evaporator heat transfer area A and adjusting the evaporator pressure to obtain the specified refrigeration temperature Ti: a larger evaporator size design would yield lower refrigeration power requirements, and vice versa. The same remark applies to the condenser. An actual design would be based on a cost compromise beween power cost and heat exchanger cost as would be estimated over the useful life of a given installation. In the example to follow, the product XT1 I will be assumed equal to the constant 2.79 obtained from an actual refrigeration cycle used to cool ambiant air from 30 to -18°C at a flow rate of 1.5 m3/s.
The overall net power delivered by this cycle per unit volumetric flow rate is equal to the turbine power minus the compressor power and the refrigeration cycle power, as expressed respectively by eqs (9), (10) and (II). Condenser fan power is also substracted. This net power is a function of the overall compression ratio P r and the compressor inlet temperature Ti i; the compressor intercooling temperature T21 is considered a parameter in this problem formulation.
The unconstrained optimisation problem to be solved consists in maximizing the overall net power delivered by the cycle first with respect to Pr, then with respect to the refrigeration temperature TI The optimum value of P r being a function of I. we replace for it in the objective function before optimizing with respect to III.
Setting the first derivative of the objective function with respect to P r equal to zero, gives the following value of the overall optimum pressure ratio:
Pr' =i0 +Ont.T3/ rIpt MD] (acl+ac2)/(acl.ac2+ca(acl+ac2) (13) where D is defined by:
The corresponding compressor and turbine exit temperatures are then obtained by replacing for the optimum pressure ratios from respectively, eqs (5), (6) and (13) into the following adiabatic relations:
T22=T2 I (T1c2+01pc2 2 r2pc210/1c2 (16)
The turbine and compressor power, which are optimum with respect to the overall compression ratio P r, are obtained by replacing for Pr* in eqs (9) and (10). The overall net power per unit volumetric flow rate is then obtained as a function of the refrigeration temperature Ill only, by replacing in the following objective:
from eqs (9), (10) and (11). Taking the first derivative of this objective function with respect to TII and setting it equal to zero does not yield an analytical solution for the optimum refrigeration temperature Tit*. An analytical solution would have been a most useful result to show the influence of the cycle parameters on the performances, but a numerical method of solution has to be used instead.
b. regeneration potential and thermal efficiency
The heat rate supplied by the regenerator to the compressed air prior to combustion per unit volumetric flow rate VI, is equal to the product of the temperature difference (F4 -T22) as expressed by eq. (16) and (17), and the products of combustion thermal capacitance, times the regenerator effectiveness:
Thermal power supplied to the working fluid of this regenerative gas turbine cycle is given by:
Thermal efficiency is then obtained from its definition, using eqs. (18) and (19). The performances of this gas turbine cycle are now calculated with the following numerical example, evaluated for two refrigeration cycle efficiencies; the first one would apply to a single stage refrigeration cycle to obtain temperatures down to 240 K using refrigerant R502 for instance, the second would apply to a cascade refrigeration cycle using 1213 in the second stage, for instance.
NUMERICAL EXAMPLE
The numerical data taken for this example is the following:
Cpr=1.0061, Cp c i-1.0132, Cpc2=1.0272, C pt=1.1564, Ra=0.2871, Rp=0.2940, in IcHkg.K 11c1°T1c2=0.85:nr0.90, nr=0•70 and 0.85, npe4.960, lIperipc2=0.980, npt=0•980, c r=0.85, cc4.96; ac i4.2834 , ac2=0.2795 , ar =0.2854 , at4.2542 .0201. T0=300 K, 121=300 K, Thc=328.2 K, 13=1200 K, P1= 100 kPa.
Note: the products of combustion and their average C pt and Itp, are calculated for a 331% theoretical air combustion of liquid octane; the combustion effectiveness considered is c c=0.96.
The values of the specific heat integrated averages to be used in actual cycle calculations will depend on the compressor and turbine exit temperatures, yet unknown at the begining. A few iterations will therefore be needed in order to make this data consistent with the numerical solution to be obtained in any particular application. Two values of COP are used to convert refrigeration load into refrigeration power. The first value is 0.70 and is considered for a single stage refrigeration cycle using R502 for instance, to obtain refrigerated air temperatures down to 240 K. The second value would apply to a cascade refrigeration cycle using R13 in the second stage to obtain refrigerated air temperatures down to 200 K. The combined efficiency of this hypothetical cascade cycle is taken as 0.60.
The condensation temperature of the first stage is 55°C. The condenser and evaporator of the hyptothetical cograde and the single stage cycles are assumed to be of the compact heat exchanger design type, with an overall heat transfer coefficient of 0.070 kW/m21C. This assumption leads to an estimated air velocity of 3.4 m/s and a pressure drop of 58 Pa per tube row. A configuration of 8 tube rows is considered for both the condenser and the evaporator to obtain fan power estimates; the heat exchanger tubes are 16 mm diameter with 394 two-inches diameter aluminum fins per meter (Stoecker and Jones, 1982) .
The results are plotted in figures 3 to 6, and discussed in the following sections. Fig. 3 shows the turbine and compressor work versus . refrigeration temperature Tit, per unit volumetric flow rate, in kW/(m 3/s). Total compressor power is seen to increase slowly with decreasing refrigeration temperature under the sole influence of the increasing optimum compression ratio; the first stage takes most of the power at low temperatures. The second stage power increases slightly with increasing refrigeration temperature, while the first stage decreases. Both stages take the same power at T11 =300 K, temperature at which refrigeration ceases. This is consistent with the interstage cooling temperature being equal to 300 K, as specified in the numerical data of this example.
a. oower and thermal efficiency
The turbine power is seen to increase drastically with decreasing refrigeration temperature under both the influence of the increasing optimum pressure ratio and inlet temperature • ratio T3/T11 . The optimum compression ratio increases from 19.4 at 300 K, to 38.2 at 175 K under the combined influence of compressor intercooling and lower inlet temperature. Fig. 3 shows the refrigeration power versus refrigeration temperature for the two refrigeration efficiencies considered. The single stage refrigeration cycle evaporator is scaled after an actual application which requires 36 kW to refrigerate 1.5 m 3/s of air from 30 to -18°C. The evaporator heat transfer conductance at this operating point is 5.75 kW/K. and the evaporating temperature 252.2 K; thus, the cold side pinch point is only 3 K. The other refrigeration power requirements are calculated with the assumption that the product of the parameter X defined by eq (12) and T1 is kept constant at 2.79. to 68 m2 at 210 K. Fig. 6 shows thermal efficiency and specific net power versus refrigeration temperature. Specific net power is maximum at Ti 1=257 K and represents a gain of 3.5% relatively to the case without refrigeration, while thermal efficiency increases by less than 1%. Compared to the case without compressor intercooling, thermal efficiency has actually decreased by about 3°4 because overall optimum compression ratios are higher with intercooling, thus reducing turbine exit temperature and consequently increasing the heat load to be supplied by the combustor.
b..comoarison and discussion of the results
The performance parameters of the gas turbine cycle with refrigerated air supplied to the compressor, without compressor intercooling, have been discussed and compared to other gas turbine cycles performance parameters as indicated earlier in the introduction of this paper. The present discussion focuses on the changes induced by compressor intercooling.
i. Overall net power per unit volumetric flow rate: Compressor intercooling makes higher compression ratios more optimum than without intercooling, by increasing significantly turbine power, and relatively less, compressor power. However, refrigeration power also increases with compression ratio. Improvements would vary from 18 to 24 %, depending on the evaporator size and the condensing tempetature for inlet air refrigeration, and 32-33 % over the case without refrigeration and ambiant temperature = 300 K.
ii.Specific net power: Compressor intcrcooling improves specific power more moderately than overall net power, as intercooling alone yields most of the improvement. Inlet air refrigeration would bring about an improvement of 3 to 4 % over the case with intercooling and ambiant temperature at 300 K, depending on the evaporator and condenser size. Higher improvements are expected with higher ambient temperatures.
iii. Thermal efficiency: Inlet air refrigeration has been shown earlier to barely improve thermal efficiency. Compressor intercepting is shown here to induce a loss of about 4 % in thermal efficiency, by inducing higher optimum compression ratios, and consequently lower turbine exit temperatures and increased heat load to the combustor.
The effect of decreasing or increasing ambient temperature,3 about the average value of 300 K considered here, has not been discussed, but seasonal ambient temperature fluctuations are to be taken into account in any actual design and geographic location to be considered.
CONCLUSION
The conceptually optimum gas turbine cycle with inlet air refrigeration, regeneration and compressor interrooling, presented in this paper shows high overall net power and specific net power potentials. These results are based on state of the art component efficiencies, a turbine inlet temperature of 1200 K and a 300 K ambient air temperature.
Although these results are only preliminary, they could prove this conceptual cycle to be a potentially suitable alternative for base load power generation in hot climates and arid lands, where water resources are insufficient for condensing steam power plant or combined cycle alternatives. As gas turbine power plants require a relatively lower investment than steam power plants in general, and given the relatively high overall net power potential shown in this example, this gas turbine cycle may prove to also be a promising alternative power cycle for heavy land vehicles and small naval units.
